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Abstract

The operating behaviour and thereby the unsteadsirtzpload of high speed hydrodynamic bearingshman
affected by dynamic effects in the oil supply, émergetic coupling of the oil films and toleransethe lubricating
gap. The 2D oil film pressure, the 3D temperatusgribution in the oil film, and the bearing sha$i well as the
static and dynamic bearing coefficients can be mprecisely calculated with the enhanced program
ALP3T2Penhanced (considering two phase model aadianforces in the oil film) compared to classical
cavitation models such as Gumbel and Reynolds tarynmbnditions. This applies to complex sliding ttiegs
with various geometries, with hydrodynamic poclatsl to various bearing types, such as tilting peatibgs,
floating ring bearings as well as to squeeze fiamgers. The modelling of the pad geometry, whidrescribed
by curvature radii and centres, is supported by-frsendly Graphical User Interface. The calculatis based on
an iterative solution of the extended Reynoldsrgynend deformation equations, including tempegatamd
pressure dependent properties of the ail film.

By integrating the program ALP3T2Penhanced into pinegram-system MADYN 2000, the vibration
behaviour of rotor — bearing — basement system&eatcurately calculated. Analysing such systawsals that
the damping in the cavitation areas and the logatia forces in the lubricating oil films can sifigantly change
the non-linear vibration behaviour of such compdgstems. For static non-centred, non-rotating ifhgating
bearings and squeeze film dampers, the importanting effect due to the dynamic load (actuallyatireg load-
carrying capacity) can be clearly shown by nondimgnalyses with the enhanced program system.

Nomenclature

B bearing width u,v,wflow velocitiesu=U/( ar),v=V/(1R),w=W/(ar)
c lubricant specific heat ap  resulting angle of bearing pressure

ck  stiffness coefficient AR radial bearing clearandéer

dkx  damping coefficient attitude angle of journal

H  film thicknessh/AR relative eccentricity of journa/ 4R
Ky, Kz turbulence factors v horizontal, vertical canting of journal
m  mass &=(X,y)I4R

p pressure lubricant dynamic viscosity

r journal radius angular coordinate

4

D  bearing diamete2R o tilting angle of pad
£
&h

R  journal bearing radius (inside) time «t
Rs pad radius lubricant pressurpy?(n¢)
Re Reynold number RgeaAR/n density

Re modified Reynolds number ke
Sa Sommerfeld number for rotatidfyay?(BDrnaw)
Sa; Sommerfeld number for squeezﬁg}g/z/(BDlya))

relative bearing clearaneR/R
relative pad thicknegs/r
relative pad clearand®sr)/4R

SEeNSESO IS

T  temperature center angle of pad radius
V  volume of phase journal rotational velocity
y,z radial, axial coordinatg=y/4ARZz=z/r journal vibration frequency
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1 Introduction

For the calculation of the load capacity of multbé and tilting pad bearings normally only insuéfic models
are used for the energy coupling of the lubricatiidilm in circumferential and axial direction [+ [3]. For
floating ring bearings and squeeze film dampers,ghergetically coupling of the oil films by thedia heat
conduction and oil flow is in general neglectedoaty considered by rough approaches [4]. Thesesffean
considerably influence the transient bearing capaamnd thus the allowable unbalance, the thresbblgelf-
excited vibrations and the load capacity of squdémedampers for high velocities.

Therefore an efficient method is presented forudating the stationary and transient load capasfityeneral
radial journal bearings, floating ring bearings agdeeze film dampers, which takes into accountintip@rtant
“additional effects” for high vibration velocitieBy integrating the journal bearing program intinaar and non-
linear rotor-dynamic program [5], complex rotor beg systems can be also calculated for difficydexating
conditions.

2 Theory

High friction losses occur in the oil film for higiiding velocities. This leads to high temperatgradients in
the lubricating film because of the low heat corility of typically used oil types. Therefore extid formulas
of the basic equations have to be used for calogléhe hydrodynamic pressure in high-speed joupearings.
These formulas must consider the change of thaglirdemperature-dependent viscosity of the lutiiggoil in
all three coordinate directions [3]. Solving thergy equation and the appropriate heat transfeatems leads to
three-dimensional temperature distribution of tiigricating film, the bearing bush and the shaft.

Significant simplifications are used in the caltigda procedures in [3] in contrast to ALP3T2Penlahcsuch
as idealized geometry of the bearings, negligeridheothermal and elastic deformations of the mgpbush,
symmetrical boundary conditions in axial directfonthe calculation of the pressure and temperatisteibution,
and negligence of the local inertia forces in tiiaricating film.

The local film thickness of each lobe or pad canléscribed by equation (1), see [6]

2. .2
H(¢,2)—$+(%—1]cos@—r)+g(1+(,1/d)sin(¢—r)— gcosp-1) -2 Entey co{¢—arctan£1]. (D)

Ty , B/D Y
— displacemat
curvatureoflobeorpad  tilting of pad  of shaft misalignment

2.1 Two Phase Model for Lubricating Film

It is possible to capture the influence of the ahiich is dissolved in the lubricating oil, and théxture of air
and oil in the cavitation area (Figure 1) with dtgsimple two-phase flow model. As it is shown ¢Bveral
studies, the air which is solved in the oil doesat@nge the viscosity and the density of the @il \much [7]. In
contrast, the viscosity of the oil-air mixture clgas noticeably for increasing foaming of the luatiieg film. The
variation of the viscosity due to the air-oil mirgudepends on the diameter and surface tensidre it bubbles
and the shear stress in the lubricating gap [7hyfrodynamic bearings and squeeze film damperfotloaving
approach can be derived, since the shear strassiddly much bigger than the surface tension obihbubbles:

Vi =i 1 2
"1+r

VOa -
Neix =Moy @=C) =1y t\tll

total

with C = Vp/Viota = Vil (Vbt+Voi) degree of foaming, = Vu/Voi amount of bubbles.

The relative local density,,,;, depends on the gas diffusing in and out of thelbit modelled as a function
of the film pressure. The undissolved air arisebudzbles in the oil. The ratiobetween the undissolved gas and
the oil can be calculated by use of the Henry-Daltand Boyle-Mariottes law:

r=r

T Top—Pp T
o pO _ 0 p pO , (3)
Top Top
with p = absolute pressuré = absolute temperature in Kelvin and index 0 =i@mttconditions. By neglecting
the mass of the undissolved air the relative |dealsity is

oMty 1
Phmix = VOi| +Vb Poil l+l’. (4)
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The Bunsen-Coefficient &~ 0.08 ... 0.090or relevant mineral oils (ISO-VG 32 to ISO-VG J2hd is nearly
independent of the temperature (T = 20 °C to 100 °C

Pocket

Cavitation area /‘
I
/ !
R
|
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i

B Cavitation area
H(¢,2) B

Figure 1: Cavitation areas in a lemon type bearing

2.2 Pressure Distribution in the bearing

The flow can be described in journal bearings bggithe Navier-Stokes equations and the contirediyation
[9]. These equations can be simplified by use efdbmmon assumptions for the hydrodynamic beahegry
[10]. For the numerical solution procedure thesgatiqns are usually transferred in a non-dimensifomen;

Re {a(pmixu)+a(pmixu2)+a(pmixuv)+a(pmixuw)}= oo {nm(l mJOU}

g ¢ 3y 0z 0p dy M ) 0Y

R 1 9P | 0(BmsiW) , 0(Ps¥W) | A(Pris) | _ 07T, O (4 10 |W 5)
o 0¢ ay 0z ¢ 6y f7m oy

apmix + a(pmixu) + a(pmiXV) + a(pmixW) =0 (Continuily equation)

Y, Y ay oz

The local inertia forces of the lubricating filmeadescribed by the left hand side of the Naviek&to
equations, while the turbulent flow regime is ird#d in the last term on the right side of the Na@mkes
equations. The generalized Reynolds equation cachieved by partial integration of the Navier-&®skand the
continuity equation over the lubricating gap froy= 0to y = H and applying the common boundary conditions
for the flow velocity [6]:

0 H® om), o H® 0/7)_13(PmxfcH) , 0(PmyH)
¢\ 127:K, 09 "oz 127K, 02 ) 2 0¢ 0@

R=RE |- A PR jp wg|h 2] M2 07, il jp wa ||l (©)
¢12/7PK a¢ mix mixU oz 12’7pK 0¢ mixU mix

2 2 H 2 2
R2:Re* H—*a—H— 0 I Prmix d)_/ H _[pmlx a s *
127, 0¢% 99y, o0p\127; ) 09y az\ 127;

R, (¢, Z) represents the convective inertia forces, witlgg, z, ¢) gives the inertia forces due to acceleration.
The factorsq; andfc includes the local distribution of the viscositihese factors change in circumferential and
axial direction. The local turbulent flow regimeireluded in equation (6) by the correcting factiksandK..
Turbulent flow occurs, if the local Reynolds numbleg = p,.faH /77 is bigger than the critical Reynolds
number Rg. The factorKy andK; can be calculated by using empirical equations [3]

By taking the oil foaming and the local inertiades into account the pure Poiseuille flow remaiearly
unchanged in the Reynolds equation (6) in compariso[3], while the Couette flow will be changeddan
additional source terms occur for the pressure rg¢ioa in the lubricating film. These effects a mcluded in
the simple DIN calculation [2], for example.

+R(4.2)+ R, (¢.2,9),
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For solving the Reynolds equation, the pressutkeatdges of the pads is set to the ambient peeséLor to
the pressure of the hydrostatic pockét Additional boundary conditions at the beginningtlee end of the
cavitation area are not necessary in the model shh@re. The pocket pressutk can be calculated by means of
the law of mass conservation with applied flow éastfor the oil supply and resistance factors efgbcket. The
resistance factdRr of the pocket is the sum of a viscosity and dgrmibportional resistand®r = R;r +Rpr. The
Reynolds equation is solved together with the bamnadonditions, the equations for the mass balafoecethe
fluid flow, for the local film thickness and therecection factor for turbulent flow using a finitekame method
with the improved SLOR solver [3], [6]. The two-démsional pressure distributioff (¢,Z) is the result of the
numerical solution for the steady state part ofRleynolds equation,

Figure 2 shows a comparison between the measured and ateldyressure distributions for a pressure dam
bearing. Significant deviations occur to the meadupressure distribution if the oil foaming and liveal inertia
forces are not considered (ALP3T [3]). Indeed, tiressure distribution, which has been calculateth wi
ALP3T2Penhanced, matches quite well to the meastakes by taking the local convective inertia &ménto
account. The remaining deviations can be explamed small ovality of the split bearing bushes anaaller
effective clearance during the measurements.

60
2FL1PD: D =120 mm,
50 n = 8000 1/min, p = 1.83 MPa
T, =40 °C, p,, = 1.0 barg
40 measurement [12]
,,,,, ALP3T2Penhanced
"""""" ALP3T [3]
30
20
10
0 ! = ';T; g -
- 90 180 270

o[
Figure 2: Pressure distribution in a pressure dam bearing

2.3 Temperature Distribution in the bearing

The steady state, 3D temperature distribufiq@, y,Z) can be calculated in the lubricating gap by thergy
equation for compressible flow:

2 2
div(pcuT) =div(igradT) + n®, @ = [ﬂj +(6—WJ . @)
oy oy

Here, the dissipation?is reduced to the most dominant velocity gradiehitee approach of Falz [11] is used
for calculating the viscosity as a function of the temperature/(;, = T/TO)_I ). The turbulent flow regime is
also included by improved heat conductivity anddtdy viscosity of the oil film.

The Reynolds (6) and the energy equation (7) ardimearly-coupled by the physical properties of tile
(viscosity and density). Therefore both equationstnibe solved simultaneously in an iteration predé§ The
hot-cold-oil mixing in the pockets and the heatahactivity equations (for the bearing bush and tha&fty must
also be considered. The 2D or 3D heat conduct®ifyations are used for the calculation of the teaipee
distribution in the bearing bush and in the shafipectively:

for thebearingoush ATg(4,z,r) =0
A Laplaceoperator (8)
for theshaft ATg(z,r)=0
2.4 Bearing Characteristics

The static bearing properties, such as bearing lpader loss or oil flow, can be calculated by gration of
the corresponding pressure distribution, the shsteess and velocity distribution, respectively, threir
corresponding surfaces, if the bearing profildg,z), B/ D), the displacement of the shd#, y) and additional
parameterTen, Pen, Jen Ks, 0, A, @, ...) are given.
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The transient bearindr{, Fy) load can be linearly approximated by means ofregs and damping coefficients
(ci, dk) for small vibrations of the shaft [2], [3], [13]:

IR e[ bl
Fy Fstat Ca1 C2] LY dp1 dyp||Y
With aid of these coefficients, it is possible toalyse the vibration behaviour of a rotor supported

hydrodynamic journal bearing in a linear approddie stability threshold and the system dampingeapecially

important.

Dynamic coefficients are based on a perturbatiothefextended generalized Reynolds equation (8) th
assumption, that shaft experiences only small diéddles X, Y)and velocities(X, Y) around the static position
of equilibrium (&, pswat Therefore the inertia forces are neglected, asntbdified Reynolds number Reemains

small.
The perturbed variables are the presdurand the lubricating gaf, while the density and the temperature

are not disturbed (the changes of these variablassumed to be negligible for small perturbations)
H (¢,2)_) = Hga(4,2) - X Sing - Y [Gosy, 5 s

O0H(@,Z R ) .
— 7 = - X'Bing - Y'[@osy, == 10
20 ing @ 20 dut (10)

ar arl ar or7
[1(9,2) =1774,4(4,2) + (—) X+ [—j Y + (—) X'+ (—) Y'
s oX stat oY stat oX stat oY stat

Substituting these expression in equation (6) arting the terms according to the first perturbatarder
(XY, X"Y") yields

o[ M. 2(0m) .2 Ho M 2(0m)
a¢ 176K, 0\ 0X Jg | 0Z|127pK, 0Z\ 0X Jgiy

_ la(pmixfc Sin¢) +i|: 3H:?tat anstat:|+i|: 3H52tat anstat:|
o ’

2 ¢ 1275K, 0f | 0z|1275K, 0z

2f Mia o on) T o] Hiu 2 (0m) ).

a¢ 12’7;Kx a¢ oy stat 0z 12’7;Kz 0z\ 9y stat

_ 1 0(Ppix fc cosp) +i 3HZat 97 sta +i 3Ha 0/t
2 o 0p|127,K, 04 | 0Z|127pK, 0Z

3 3
6 Hotar 0 (6/7] +i_ &i(d_ﬂ'] = = Prix 3ING,
0¢ 127pK, 090X g | 0Z| 125K, 0Z(0X" )iy

0| Hia a[anj L 0| Hia i[aﬂj - [Eoss.
04| 1275K,, 0\ 0Y" )| 02| 125K, 02\ 0" iy

All implicit dependencies of other parameters andrigary conditions have to be linearized for thieittan
of these four perturbation equations as well. Taiguires the application of an iterative numerisalution
procedure. Due to the two-phase model, no additiomandary conditions are necessary at the beginaivd the
end of the cavitation areas. The four stiffness, €y, (2Bnw)/w®) and damping coefficients
(wsdy = ,Bi’[( (2Bnw)/y?3) can be calculated by integration of the pressoefficients d/7 /0q, over the whole
bearing surface:

(11)

2

T B/D
yi*k=418j [ [3’7}(0 Ycosp— (i - 2) sing) czdg,
D 0 -8/0\ %% (12)
A . .
By = ﬁj | o (G - Ycosp - (i - 2) sing) dzdg
D 0 -B/D k+2

withi, k=1,2andp, =X, Y, X', Y'forn =1 ... 4. The dynamic bearing coefficier}ﬁ%, ,85( depend mainly
on the static point of equilibrium of the shaftfsta, the bearing profile, the function or the filmgkhess and the
bearing width ratio.
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The transient bearing forces have to be nonlineaalgulated for high vibration amplitudes. In theréa
presented calculation method for calculating thagsient bearing forces, the additional effects civliause long
computation times, are only taken into account\mraging. The transient bearing forces are slit iwo parts,
which are proportional to the rotation and latenavements. The bearing force corresponds to thie Staaring
force [Sm,ap]. The damping force depends linearly on the shmfving velocity €, y) according to the journal
bearing theory [3] and it can be described by the af the damping coefficienﬂﬁ( . The coefficients depend in
a highly nonlinear way on the actual position of ghaft €,)) in the bearing, as well as on the bearing force

[Sw,ap].
|:/1x:| = [ SQD Sina'D :| + |:,8£1 B£2:| |:X":| . (13)
1, S, cosap |, , Bor B cy Y
1 T T T T
--------- measurement ————— calculation For the calculation of the bearing
| coefficients Sqy, ap, By ) with the
| A/AR program ALP3T2Penhanced, necessary
ATAR L 100 g inputs are the bearing geometry, oil
= mm ﬂ/
n = 3600 min" e parameters, temperature and pressure
o5 |  Faa=5KN A boundary conditions, material
' fs =60 Hz A parameters as well as parameters for the
Il two-phase model. The coefficients are
/’/ tabulated as a function of the shaft
% > displacement &)) for the whole
44 possible shaft positions in the bearing.
o S . .
g/ AF° [N] The reliability of the transient bearing
v —_— .
(@ o : force calculation has been proven by
1 several measurements [14] on a bearing
I test rig, Figure 3.
AlAR AlAR| —~
//‘n’,
0.5 e
/,/
F'/
/I
ry
v/
r
(b)
0 2.500 5.000 7.500 10.000 12.500

AFy [N] ——=

Figure 3: Measured and calculated vibration amplitudes

3 Calculation Results for Hydrodynamic Journal Barings

3.1 Closed Bearings

The journal bearing program ALP3T2Penhanced has lwegrated into the rotor dynamics program
MADYN 2000 [5]. A user friendly GUI (Figure 4) hdseen implemented in order to simplify and reduce th
necessary input data.

With the enhanced program ALP3T2Penhanced, it 38 @lossible to calculate closed bearings without
hydrostatic pockets. The oil flow through the begiis in axial direction.

6 Paper ID-53
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The calculation results of a
closed bearing are shown in
Figure 5. The Gimbel curve is
plotted in the upper figures. The
shaft deflects perpendicularly to
the load direction, which means
the angle between the load- and
deflection direction is 90°. This is
due to the fact that no cavitation
occurs is the bearing because of
the moderate bearing load of 2 bar
and the axial pressure difference
of 3 bar between both axial
bearing ends. Such bearing is
prone to become unstable.

In the lower figures the
dimensioned stiffness-kY and
damping () coefficients are
plotted. The main stiffness (22,
33) coefficients and the cross
damping (23, 32) coefficients are
almost 0, whereas non-zero cross
coupling stiffness coefficients
(23, 32) and non-zero direct
damping coefficients appear. The
cross coupling stiffness
coefficients are skew symmetric.
This is also predicted by the short
bearing theory.

Figure 5: Gumbel curve and dynamic bearing characteristics.fclosed bearing
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3.2 Tilting Pad Bearings

For multi-lobe and tilting pad bearings, the lubting films are essentially coupled in the circurafsial
direction by the oil flow into and out of the potkeAlso the heat conduction in the bearing anthénshaft has
to be taken into account. The old program ALP3Tc&fulates to high oil flows in the pocket arepezsally for
multi-lobe bearing with a high relative pocket widir open pockets. This yields significant diffeses in the
calculated and measured bearing temperatures dilne thot and cold oil mixture in the pockets. Rewmhbte
improvements could be achieved considering theiaméarces in the lubricating film and the backvl@f oil in
cavitation areas.

For tilting pad bearings with limited oil flow, i$ not ensured that all pads get sufficient amadirdil for a
complete filling of the lubricating gap at the emtce of the pad. To achieve this, the oil draimagst be reduced
as long as the hot oil substitutes the missing annoficold oil. This important energetic couplinigloe lubricating
films was not implemented in ALP3T, so that thenesignificant deviations between the measurectalalilated
pad temperatures, Figure 6a. These differencesnaich smaller with the new oil mixture model and hwit
consideration of the pad cooling, Figure 6b.

60 T T 60 T T T
ATs °C] f ALP3T AT=T-Te AT, [C) ALP3T2Penhanced
——0O—— Calculation — 45

45
1 /ﬁp — — o ——_Measurement ‘ /g
B
30 7 ﬁ 30 o]
J f o0 0 //d / P 5 f

15 . :/’/pn 5,/-6“ z 15 g -~ il
Fetat Fatat

] w

0 T 0 .
(@ -36 36 108 180 252 324 (b) .36 36 108 180 252 324
Ly [ —= ¢ [] —
Figure 6: Comparison between measured and calculated tetapedistributions T¢,z)

The program ALP3T2Penhanced is also integratedADVIN 2000 for nonlinear calculations, which become
necessary among others for high unbalances. Inré&igthe trajectories are plotted for a simple tskapported
in two identical 3-pad tilting pad bearings. Theorohas very large amplitude of triangular motiard ghe
nonlinear behaviour appears clearly. For theseatipgr conditions, the orbit is largely followingettbearing
geometry. By taking the pad deformation into actptine orbit increases by about 15 % comparedabwithout
deformations. These curves match the calculatibmesbordes et al. ([15], Figure 9) very well.

&
o
T
1

o
o
T
1

20+ .

Amplitude 2 [um]

40 b .

60 - .

bearing data points ||
—— without deformations
— with deformations

100 1 1 1 1 1
-100 -50 0 50 100

Amplitude 3 [m]

Figure 7: Journal centre orbit for a static load (30 kN)hnat
high unbalance force (50 kN) in 3-pad tilting pazhling

80
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For a more precise calculation considering the &mferature distribution, the turbulent flow regirime-
dependent cavitation boundaries, the computatiore tincreases exponentially and such a calculation o
trajectories is limited to exceptional cases. Tferethe components of the transient bearing f(ﬁﬁ‘ix%,aD,,B,:()
are precalculated at certain grid points (greyseesn Figure 7). These grid points are automdyicidtributed
by the program ALP3T2Penhanced, so that nearly998.8f the possible shaft deflection is covered rédwer
the change of the Sommerfeld number between twebpgrints is less than a certain factor.

4 Calculation Results for Squeeze Film Dampers

For a squeeze film damper, the “velocity"uis0. By multiplication of equation (6) with/ws, settinga=0
and neglecting the inertia forces, only the té{mixH)/0@remains on the right side of (6). In additi@gis used
instead ofwto get the dimensionless variabl@sandy and there is no turbulent flow regime in the smgefilm
damper. After perturbing equation (6) with equati@) only the last 2 relations of equation (11 abtained. In
other words the squeeze film damper has only teahébrces which are proportional to the vibratetocity and
does not create any static force or stiffness griestain design measures are taken for centranggbeeze ring.

The Sommerfeld numbeBy, calculated with the enhanced program ALP3T2Perdth(squeeze film damper
with 2 phase model) are plotted in comparison édithit values for the 2-film (Sommerfeld boundary condition)
and therefilm (Gimbel boundary condition), Figure 8. Thecewtricity velocity’ becomes an additional
parameter for the pure squeezing movemen0(y=0) if the oil foaming is considered. The eccentrisigfocity
determines the cavitation in the squeeze film damplee calculate®a,-values range between the asymptotical
limit values of that and 2wfilm for a cylindrical 360° squeeze film dampetthvaxial oil supply. The differences
between th&o-values depend strongly on the eccentrieitf the squeeze film damper for the three calonati
models.

The influence of the cavitation is very importaot §mall eccentricities, i.e. especially for high speed journal
bearings with low load or statically centred sqeeflm dampers.

10000

i ——— 21eFilm

Soy | &= 0.0001
N s 0.0003

1000¢ 0.001
N e 0.003
I e 0.01

100 | e 0.03 ,
2N 0.1

- | I | I | | | | |
-1 -08 -06 -04 -02 0 02 04 06 08 1
€-sign ¢’
Figure 8: Comparison of the calculated Sommerfeld numBevés, <)
with Sommerfeld (2-Film) and Gumbeli§-Film) boundary condition

For a turbocharger with two floating ring bearimgigh non-rotating rings the trajectories are pldtie Figure
9. The movement of the floating ring itself is shin the right picture, while the relative shaftriog vibration
is in the left one. The calculation have been sthfor nominal speed with centred ring and shasitipm. The
bearing at “C-side” is statically nearly unloadedile the other bearing has to carry the whole Wweif the
turbocharger. The shaft and the ring drop downctliyafter starting the calculation. The innerfdih produces
immediately a film pressure due to the rotatiorttef shaft, whereas the ring must be accelerateddertain
velocity, so that the outer oil film can carry timass of the ring and the shaft. As the vibratidoaity of the ring
is increased, the ring starts to centre itself.-Sydchronous vibrations appear due to the low logdif the
bearings.
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Figure 9: Orbit plots of the squeeze film ring and the shelfitive to the ring in a turbocharger

5 Conclusion

The behaviour of bearings and squeeze film damigeamalysed for static and dynamic loading with the
program ALP3T2Penhanced, which considers sevewditiadal effects such as oil foaming, turbulenced a
inertia. By integrating the program ALP3T2Penhanioga the rotor dynamics program MADYN 2000, theelar
and nonlinear vibrations of rotor—bearing—stat@tems can be accurately calculated. For squeeaalfimpers,
the important centring effect due to the dynamialloan be clearly shown by nonlinear analysestivélenhanced
program system.
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