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ABSTRACT synchronous vibratiorit moves on the shaft surface, thus causing

Vibration induced hot spots in radial fluid film bearings can a phase angle and amplitude change of the synchrettmasion
cause spiral vibrations. The phenomenon is known as Mortonin a polar plot. The vibration signal in the polar plot then has the
effect. Various authors have descdlitbe phenomenon of spiral  appearance of a spiral.
vibrations caused by rubbing in geneffal 4] and specificady Although the phenomenon is known for as long as mare th
by the differential viscous shearing in fluid film bearifgs 8]. 80 years [1]t has taken quite a while until it became clear, that
The history of the case of a tudeapander for the cryogenic  the phenomenon can alse baused in oil lubricated bearings. In
industry is described The invetigated machine has a single 1987 it was suspected and some theoretical evidence was given,
relatively stiff rotor with two overhung impellers. The rotor is but the hot spt in the bearing was not measurfs]. The
supported on two tilting pad bearings, as they are commonly phenomenon in the bearing was clearly experimentally verified
used for these applications. It was designed in line with APl 617 by temperature measuremerdr the rotor only in 1996 [6].

7" edition [11]. During internal fatory testing excessive Further researchers then contributed to theetstdnding of the
vibration at high speed suddenly developed, in spite of very phenomenon [73].

high damping and comfortable separation margad the In [6], the phenomenon was observed in a compressor with a
relevant rotor vibration mode§ he vibrations evolution in a large overtung cowpling mass causing a typical overhang
polar plot had the appearance of a spiral, as theyypieally vibration mode. Other magttes prone to the phenomenon due to
observed in case of vibration induced hot sp®ke tilting pad such vibration modes are gear compressor pinions, which have

bearings weresuspected as the most likely cause for the hot overhung impeller masseSeveral problems due to hot spots
spots.In parallel to the testot spotstability analyses with a  with this type of machine are described®h In the conclusion

rotor dynamic model of the turbexpander were caed out. of this paper, which is writtenyta rotating equipment specialist

The applied method, introduced by Schmid8] allows the who has experience with many compressor vendors, it says:
handlingof general rotor system¥he hot spot modelisbased fiThere is solid evidence, t ha
on the theory of KellenberggB] using a thermal equation spi ral vi brati on, e vCGearcomprdsgor t i

bet ween t he shaftds t h er ma Ipiniors edditiceatiyt hewahe effeat mfca load dependesch af the
displacement athe hot spot location. The analytical results rotor dynamic behavior due to the varying mesh force causing
gave evidence of the instabilities and confirmed the ilral different bearing loads.
bearingsas the source of the hot sp@he model was used to
asseshangedor the solution of the problem. The following CASE HISTORY
measuresvere studiedReduction of the oil viscosity, stiffening Cryogenic expansionutbines are used inair separation
of the rotor and reduction of the bearing width. The final plants in thenatural gas processing industior energy ecovery
successfully implemented solution was a combination of lower in pressure let down statioras well asin organic Rankine or
bearing width and reduced viscosipart from this thoroughly Kalina cycles.
studied casean overview b further turbeexpanders regarding The dual expansion turbinedoster compressor loaded unit
their hot spot behavior is given as showrin Fig. 1 is used to provide refrigeration for the tail gas
purification/treatment process in an etmgeprocessing plant.
The two turbines and the two compressor stages are operating in
INTRODUCTION series
Hot spot induced spiral vibrations are observed in various
types of rotating machinery, e.g. compressors, water turbines
steam turbines and turlgenerators. The hot sgoare typically
generated by friction due to soft rubbing of the shaft to
stationary (nofrotating) parts. Such partsan be labyrinth
seals, seal rings, brushasdslip rings in electric machineand
even oil lubricated bearing¥he hot spot on the shagurface
arises if the rubbing is caused by a synchronous vibraioce
the hot spot thermally bents the shaft and thus changes the



Figure 1. Dual turboexpander 2-TC 400/90 with the oil unit and
control panel assembled in the workshop

The turbo-expanders in thisase arevery robuststiff shaft
machinesof proven desig, for operation up torather high
maximum continuousperatingspeedMCOS)of 186600
At this MCOS speed the journal bearimgeripheral velocity is
about 88m/s.

During the intemal testing of the turbexpanders,the
measured shaft vibraticstarted to rise suddenjyst abovethe
nominal speedThe suddervibration increase was identified as
a spiral vibration as described in [5[he bearings were
considered as the most llgesource for a hot spotHot spot
stability analyss were performedto confirm thesdestfindings,
and different remedies were consideredtfermachines based
on these analygs. Two described remediess described below
wereimplementecandextensivelytestedat speedu p t o
rpm (bearing journal velocity 104 m/s) speedwhich ismuch
higher than the machine tripspeed 196500 r p m.

After the successful internal testing the machines were
given free for factory acceptance test (FAT) nedsed by
customer.The performance and mechanical behavioboth
machinesvere accepted by the customgthout reservations

DESCRIPTION OF THE MACHINE

The expansionturbine is of the radial inflow type with
advanced aerodynamic design maximizing theeniropic
efficiency. The machiné of acartridge concepwhich allows
a quick replacement of the machindxgaring carrieincluding
the rotating parts without interference with the expander cold
insulated process pipes.
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Adjustable nozzles are locataround the expander wheel to
control the gadlow by changing the flow area.

A 3D backwards lean bladeompressor wheel ismployed
as a loading device, to recover the mechanical energy from the
expander.

A vane diffuser is provided at the compressoregih
periphery tooptimize the booster heaffow characterists and
to maximize itefficiency.

The stiff shaft is supported in the bearing carrier by two
tilting pad bearingsvith multi lobe axial facdor the thrust load.
The radial bearingsave 5 pads. They are loaded by the rotor
weight of about 120 kg, which yiedda specific bearing load of
about0.24 N/mnf. The load direction is on pad.

The bearing support structure is relalyvstiff compared to
the oil film and can therefore be regaddss rigid.

The bearing carrier also includes the labyrinth seals and
supports the expander nozzle assembly and booster diffuser. The
wheek are connected to the shaft ky Hirth radial spur tooth
coliplh@and tightening bolt. The assembly of the bearamger
with nozzle assembly, difser and shrouds is called plugunit.
Expander and compressbousings are assembled each side
of theflanged bearing carrigsee Fig. 2

Expander

Figure 2. Cross section of the turboexpander TC 400/90

ROTOR DYNAMIC BEHAVIOR (ANALYSIS AND TEST)

Calculated basic rotor dynamic behavior

The Campbell diagranfnatural frequencies and damping
ratios as a function of speedj the shaft is shown ifrig. 3
together with the mode shapes of the forward whirling modes.
The speedange from the nominal speed to maximum continuous
speed in the diagram is grey shaded. There are two forward and
backward whirling rigid body modes below nominal speed with a
very high damping (damping ratio >20%). The forward whirling
1% and 2¢ bendingmodes are above the speed range with a
comfortable separation margin. The backward whirling 1
bending modecoincides with the speedt the maximum
continuous speed. However, it cannot be excited by unbalance or
thermal bending.
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Figure 3. Campbell diagram and mode shapes

Although the shaft has two large overhung masses there are@ Expanders & Compressors

no typical overhang modes thanks to the stiff design. The 1

Test bed measurements of original configuration

During theinternalperformance test of the machines also the
mechanical machine behavior was tested up to the trip speed of
196500 r pm, f ol ltestwaquirgmeritfhlp Tha P |

vibrations were monitored utilizing thBenty NevadaADRE
system.Figure 5 showshe typical test bed computer mimic for
theautomategerformance datmonitoring andacquisition.
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bending mode has its largest deflection at the impellers; Figure 5. Test bed computer mimic

however, the vibration node is outside the bearing.

The response to an unbalangith a magnitude ofl times
the API resilual unbalance (165gmnfi}1] is shown inFig. 4.
The unbalancdistributionas indicated in the figure excites the

The measuredvibration of the tested machindad a
dominantsynchronous {xN) component.The ADRE vibration
polar plot (all plots show onlythis 1xN component had the

1* berding mode The unbalance magnitude is based on the typical spiral vibrationappearanceas sbwn in Fig. 6 for the

complete rotomveight, not just on the overhung portions as for
overhang modesThe evaluatiorof the responsaccording to
API is also shown in the figuredt can be seen, that the
separation margin (SM) of 55.5% sy far larger than the
required margin of 25.6%, whidlkepends on the amplification
factor (AF) and damping, respectivelyThe unbalance
sensitivity of 0.437 (amplitude limit A/ amplitude in the
critical A.) is smaller than the required Qd&though it is not an
issue because of the large separation mardine API
evaluation is automatically done in the program MADYN 2000
[10], which has been used fiire analyss of the basic behavior.
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Figure 4. Unbalance response plot with API evaluation

MCOS speed of 1800 rpm The rotation direction of the spiral
vibration was forward do-rotational). The time period for 360°
phase angle changes around 5 minutes.

micro m pp.

Figure 6a. Spiral vibration in polar plot i expander side
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80 14

Figure 6b. Spiral vibration in polar plot i compressor side



A hysteresis between run up anth down can be seen ihe later thanposition1. It is obvious, that for each position, there is

vibration \ersusspeed plot (Bode plat)Fig. 7 It is a typical one point on the shaft surface, which is subject to maximum
behaviorfor a spiral vibration. friction due to the maximum velocity gradient (npabfile). The
opposite point of the shaft is subject to the minimum friction due
Compressor Side to the minimum gradient (blue profileln case of a synchronous
1y Tooord | | orbit it is always the same point on the shaft, which is subject to
maE| | 4 | maximum friction (red dot) and minimum dtion (blue dot).
& § ol | Thus a differential heating and a hot spot occurs.
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Figure 7. Vibration hysteresis in Bode plot

Several additional internal mechanical running tests were
performed with higheand lower oil temperature, with higher
and lower oil pressure and thus flow and also with increased
and decreased radial bearing clearance. Some of these tests
brought little improvements in the shaft vibration behavior, but load
did not eliminate the hot spophenomena and the spiral
vibration. Therefore it was decided to perform extensive
theoretical hot spot stability anadgsprior to envisage rotor and

Figure 8. Hot spot mechanism in the bearing and the real
circular orbit as tested

For the present case of tilting pad bearimgth very low
the case of a centerettcular orht is close to realityas
shown in Fig. 8 The estimation of the ratio of added to
eliminated heat according #ppendixB is among others based
on this assumption.

bearings modifications. In case of an elliptic of€entered orbit differential heating
will also occur It may be less sindeis not always the same two
HOT SPOT STABILITY ANALYSIS opposite points, which are subject to maximum and minimum

The "?“_eth°d introduced by Schmied [5] to calculatetihie friction. On the other side the maximum frictican be higher,
.Sp°t stapmty pased on the hOt_SPOt model of Kellenbelgé [ sincethe minimum clearance can be lowBalbahadur and Kirk
is described in detail |append|>_<A. The met_hod can be used [8] claim, that thecentered circular orbit is the worst case.
for any rotor system _and heating mechan(smc_) see [12]) However, there is noeal evidence from practical experienfor
Several heatm_g_ locations can be considered in one neadel this, since hot spot induced spiral vibrations have also been
once The stability threshold is calculated as a function of the observed in case of highly loaded bearings with elliptic off
ratio of addedo eliminated heafThe added heat is assumed to centered journal orbits
be proportional to the speed and shaft deflection at the hot spot The thermal deflec.:tiom)f the shaft due to°C temperature

Iocation, the eliminated__ heat propo_rtional_ to the the_rmal differencein the cross section at the bearing on the compressor
deflecton. Thus the stability threshold asfunction of the ratio side is shown in Fig. 9

pQ/q with p asthe proportionality factofor the added heat, q

for the eliminated heat artd as the speed. 2,
The proportionality dctors depend on the heating :“Z

mechanism and must be derived accogiin The heating '

mechanism in a bearing is briefly described in the following o5 j

paragraph. The corresponding proportionality factors can be = E

R

estimated with some simplifications as describegppendixB. =

If the ratio of added to eliminated heat is close he t
threshold or even above the threshold, the rotor can be regarde«
assensitive to bearing hot spots.

0.5+

Hot spot mechanism in the bearing

In Fig.8 the shaft is shown in the bearing focemtered,
circular orbit in two positionsienoted as 1 and 2 togetheth
the velocity profile of the oil film. Position 2 is a quarter period

Figure 9. Thermal deformation due to 1°C temperature
difference in the compressor bearing



Hot spot stability chart (original design)

The hot spot stability chart for the original configuration is
shown inFig. 10. Hot spos in both bearings were consideried
the analysis,which work together and excite the rotor.
Therefore twothermal modes(seeappendk A) appear. They
represent the response to the thermally bent rohar.threshold
of the F' thermal mode (black line) is determined by tié 1
bending and has its minimum at its critispleed The threshold
of the 29 mode (green line) is determiney the 2 bending.It
is not important in the speed range of interest.

The estimated heat rat{see appendix Bis the red curve
in the chartlt is the ratio of thedifferential heat generated in
the bearing due to losses (which is assumed to entehndlfi® ©
thedifferentialheat eliminated from the shaft begat transfer to
the oil. Due to the simplifying assumptions, which do not
considerthe detailed bearing geometry such as the bearing
preload andhe gaps betweendhpadsa second heattio line
(dotted)is drawn assuming only 50% of the in@dcording to
Eqg. (22) in appendixB. The stability threshold is between the
ratio with 100% and 50% heat inputhe present and many
other periences provethatin this casehere is a large risk to
run into a hot spot problem, i.e. to get a spiral vibration with
increasing amplitude.
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Figure 10. Hot spot stability chart for the original configuration

The direction of the hot spot precession is also indiciated
the chart +0fi means t he husdhe phasp argle a
change in the polar plot move in the same direction as the rotor
speefd, mdians i n t hlethedpdee rangaldf r
interest thoe dudgreesnlith the measursmerit
in Fig. 6.

ANALYZED AND TESTED MODIFICATIONS

Based on the hot spot stability analysie following three
remedies were considerddr the elimination of the hot spot
phenomena
Install modified rotor with higher stiffness

Increase théeateliminationin the bearing area
Within the existing bearing carrier the rotor cde
modified into stiffer execution by elimination of the replaceable

Reduce the heat input into the shaft in the bearing area -=fz—

thrust collars and by increasinpe diameter of the central
section.

The reduction of the heat inpunto the shaft can be
accomplished by reduction of the tilting pad bearingshaft
contact area, byeduction of the oil viscosity, or by increasing
the bearinglearance

The heaeliminationrate can be increased by higher lube oil
flow, or by bearingmodificatiors. The bearing modification can
include asymmetric tilting padsooling groove in the pador
pads made of material with higher conductivity e.g. bronze.

In view of the delivery constrains of tilting pads made of
bronze the following twacorfigurationshave been selected for
further testing:

1. modified stiffer rotor

2. bearings with reducedpad width and in addition

utilizing lower oil viscosity

The influence of the bearing parameter changes on the ratio
of added to eliminated heat can be seeBdn(22) in appendix
B. The influence of the lower viscosity is obvious, since the ratio
is proportional to it. The influence of a reddcdeearing width
cannot be directly seen, since it does not appear in the equation.
However, the parametdd (thermal deflection per temperature
difference in the bearing cross section) is roughly proportional to
the width. Thus the ratio is also proportional to the width.

The increase of the bearings clearance was not considered,
because it did not bring anigsificant spiral vibration reduction
during the already performearegoing testing, in spite of the
fact that the heat ratio is a square function of the clearance. Most
probably the lower heat ratio was compensated by a lower
threshold due to a reductiarf the 1% bending moddrequency
and a larger vibration deflection in the bearing

The above described modificatiors 1 and 2 were
implemented and internal testing performed to confirm the
theoretical results

Modified stiffer rotor

The original rotor wasequippedwith replaceable thrust
collars The modified rotor was without replaceable thedtars
and its diameter was increased in the central péw.original
and modified rotors are shownhig. 11 and12.
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A

Figure 11. Original rotor

Figure 12. Modified rotor



The Campbell diagram for thé'forward whirlingbending
modeof the original and stiffened rotor is shownHig. 13. As
expected the stiffer rotor increases the separatiargin. The
damping is reduced. However, due to the large s¢ipar
deteriorate the

margin this should not rotor dynamic

performance.
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Figure 13. Campbell diagram for the 1% forward whirling
bending mode

Hot spot stability chart for the modified rotor

The stabilitychart ofthe stiffened rotor is showin Fig. 14
together with lhe stability threshold line of the original rotor as
dashed linesThe slight improvement of the thresholcln be
attributed to the higher criticabpeed which moves the
minimum threshold to a higher speed.
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Figure 14. Hot spot stability chart for the modified rotor

Test bed measurements for the modified rotor

The ADRE vibration records for the modifiedtor are
shown bebw in Fig. 15-17. It can be seen, that thération on
the expandeside was behaving exceptionally welithout any
reservationsHowever on the compssor sidea slightthermal
bow by hot spoaind spiral vibration waslentified in the Bode
plot, which shows theibration hysteresiabove the MOS.

The vibration levels for the modified rotoould be accepted
accoding to the API 617 criteriaBut because of the eliminated
thrust collars and the beginning hot spot phenomena on the
compressor sideabove the MOS, this variant was not
considered as an acceptable solution

From this behavior can be concluded, that dglctual heat
ratio at MCOS is close to the threshold in Fig. 14, i.e. it
corresponds to about 80Beat input according to thestimation
in appendixB (Eq. (22)).

Figure 16. Spiral vibration in polar plot i compressor side

13 A

Campressar Side
40
%‘ Racord | |
35 4 d?l — - Min | |
30 é Mominal | |
25 4 ;E — - Max | |
50 4 i Trp | |
- — - - Spin | |
§ | |
2 |

I A

3 4

0

T T T T T T T T
5 2000 4000 G000 &O00 10000 12000 Idooo  Isoon Speed frpmif

Figure 17. Vibration hysteresis in Bode plot i compressor side

Modified bearings

The original tilting pad radial bearings were afrobust
design with astandardwidth of 0.6D. The contact area to the
shaft can b reduced by shortening the pday narrowing the
bearing width, or by combination of both measures. It was
decided to narrow the bearing widitom 55 to 40 mmalso in
view of the very low bearing loadThe existing original tilting
pads and the beagrbody weremodified as showim Fig. 18
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Figure 18. Original 0.6D bearing and modified 0.4D bearing Figure 20a. Vibration in polar plot i expander side
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In addition to the bearing width reduction also the oil
viscosity was reduced fromominal 46 cSt to 32 cSt oil. The
rotor dynamics was relmailated for the thinner oil and found to
be adequateThere was almost no change except a slightly
reduced dampg.

The two measures redudbe heat input into the shaft
approxmately by the following factor

e 40/55x 32/46 = 0.50

This meas that both modications reduced theoretically
the heat input into the shaft to so®@% of the original value.

It was important to confirm this assumption by hot spot stability

Figure 20b. Vibration in polar plot i compressor side

calculation anathart and by testinthe new configuration. R~ Compressor Side | |
18 ,

Hot spot stability charts for modified bearings with i b _fem; : :

reduced oil viscosity LI | |
The stability chart with the bearings with reduced width |z | £ M_COS |

and the lower viscosity is shown in Fig9. The reduced fﬁ-g e e

bearing width practically did not change the threshold line, but I;: "

the heat ratio now is considergttbwer. The heat ratio line for ol | et promy

100% heat input is clearly below the threshold in the speed| o ‘ . ‘ . . . — —
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Figure 21. Vibration hysteresis in Bode plot

Decided final configuration
The final configuration of the turboexpander rotor and
bearings was decided after tinéernal testingo be he execution
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L \ Tz ot one with reduced bearingsvidth and with the reduced lube oil
g IR I mictoalmtnd viscosity. With this execution both turdexpandersand their
e / ueos spare plugn units were successfully FAT testewith the

customerandall accepted without reservations
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Figure 19. Hot spot stability chart for the reduced bearing i After this new exhaustive Experience V\_"th the vibration
width with reduced oil viscosity induced hot spofshased on predictive analysis and testihg,
unexplainedhistorical casefrom the years 1996 and 2001 were
Test bed measurements for modified bearings with analyzed and thenexpectedexcessive vibrawns during FAT
reduced oil viscosity were reevaluated. Bothcases with still available ADRE

with the modified bearings and the oil viscosity reduced Vibration recordscould be clearly identified sa the spiral
from nominal46 cSt to 32 cSt the test results did not show any Vibration problem (see Fig. 22 and 23)

more the spiral ibration and vibration hysteresi#/ith the two Both cases happened on tuxpanders with similar shaft
descibed measures the shaft thermal bdue tothe hot spot bearings configurations ahown in Fig. 2 and 11. The first case
phenomeon and the spiral vibration eve completely  (Fig. 22) was identified by slight labyrinth rubbing marks on
eliminatedup tothetesteds p e e d o f .Pha @dresdits r pSRAft and was corrected by increasing the labyrinth clearance.
are shown irFig. 20 and21. The second case was tested up to 104 m/s bearing journal






